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ABSTRACT 
 

 The search for well-functioning and energy-optimized refrigeration systems has made modeling and 
simulation of such systems an important tool for the industry in terms of product development. The present 
study explores how REFSIM ( a general computer model for simulation of steady-state performance systems) 
can be used to handle the physics of a domestic refrigerator. Organization of the model is discussed and 
approach to modeling of main components with more detailed description in a domestic refrigerator 
(evaporator, condenser, compressor, capillary tube with and without heat exchange, and suction line) is 
explained. The modeling effort emphasis was on the local phenomena to be described by fundamental 
thermodynamic, heat transfer and fluid mechanics relationships. Good agreement is found with experiments 
for a wide range of operating conditions to a domestic refrigerator. 
 

I. INTRODUCTION 
 

 Several authors (Cleland 1990,Domanski and Didion 1984, James and James 1986) recognized that the ability to 
simulate the steady response of refrigeration systems will give engineers in the refrigeration industry the same 
advantages that simulation has brought to the fields of electronics, fluid power, etc. The main advantages of such 
simulations include better understanding of system and component behavior, and the ability to test ideas without 
doing experiments. In this way, it is possible to improve control and system performance, lower energy consumption, 
and shorten the time it takes to get a product on the market. 

 
 In spite of this, dynamic modeling and simulation is not yet a commonly used tool within the refrigeration 
community. The main reason is the complexity and difficulty of the modeling task. Refrigeration systems tend to 
very diverse, making it difficult to build general simulation models. Furthermore, the basic physical processes of 
refrigeration systems (evaporation, condensation, throttling, … ) are very complex, and difficult to describe on both 
detail and system levels. 

 
 Yasuda et al. (1981), James and James (1987), MacArthur and Gland (1989) have done some work in the area of 
dynamic modeling of thermo-fluid systems, but none of this work has, to our knowledge, led to a general 
methodology for the modeling and simulation of these systems. 

 
 The emphasis on energy conservation over the past decade has resulted in the development of many domestic 
refrigerator performance simulation. Most of these models are composites of a sequence of regression analysis 
simulations of the major components individual performance. These models are adequate for simulating a typical 
domestic refrigerator performance or even for design change performance estimation of a specific domestic 
refrigerator if all of the component test data are available as input. 

 
 A totally different approach to modeling performance, one of beginning with “first principles”, has also been 
taken, but in far fewer cases. These models, one of which is discussed in this paper, incorporate the fundamental 
correlations and laws of thermodynamics, fluid mechanics and heat transfer into a network of logic that will allow 
for prediction of the state properties of either the refrigerant or the air at any pre-selected point of their respective 
circuits. These models are best used when applied to research problems in trying to understand the impact of the 
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local phenomena on the overall system. Their accuracy is, of course, limited to the accuracy of the correlation used 
and is not necessarily any better than the accuracy of the regression analysis models, however, the first principles 
models, if designed correctly, require far less and easier to obtain input data. 

 
II. DESCRIPTION OF THE MODEL 

 
 The advancement of this model depends on the fact that all refrigerant thermodynamic states in the system are not 
subject to any restrictions and are found exclusively as a result of the iteration process in the solution logic of the 
main program. This flexibility increases the accuracy of the simulation results. 

 
 During domestic refrigerator operation, there is a one to one relationship between working medium parameters 
and operation conditions, i.e., for given ambient conditions there is just one refrigerant state at any location within 
the system, which constitutes steady state operation. This unique set of refrigerant state and flow conditions has to be 
sought by a domestic refrigerator simulation program in an iteration process. 

 
 In order to set up an iteration procedure for a domestic refrigerator model, balances taking place have to be 
recognized. The fact that the domestic refrigerators thermodynamic cycle is a closed loop makes it convenient to 
utilize a pressure-enthalpy diagram so that the two properties, enthalpy and pressure, may be explicitly highlighted at 
the entrance and exit of each component.  

 
 The explanation of the logic used to iterate these three balances is given below. For sake of clarity, only the four 
main components, i.e. a compressor, a condenser, a capillary tube and an evaporator are discussed. Required input to 
the program is restricted to environmental conditions and domestic refrigerator design data as fixed parameters; it 
also includes initiating guesses of refrigerant states, which will automatically converge to the true state conditions 
through the iterative process. 

 
 The simulation process (Fig.1) starts with a guessed refrigerant pressure and vapour superheat at the compressor 
can inlet, and the compressor discharge pressure. From these data and the compressor performance simulation, the 
refrigerant mass flow rate is determined. Next, the condenser and the capillary tube are simulated and mass flow 
balance is sought by comparing refrigerant mass flow rate through the compressor and capillary tube. If compared 
mass flows are not equal simulation of the compressor, the condenser and the capillary tube is resumed with 
unchanged refrigerant state at the compressor can inlet and modified guess of compressor discharge pressure. For 
instance, in the case of mass flow rate through a capillary tube being smaller than mass flow rate through a 
compressor, compressor discharge pressure is increased. Increasing this pressure reduces refrigerant mass flow rate 
through the compressor. Then the condenser is simulated with this smaller mass flow rate and at higher saturation 
temperature. Consequently, refrigerant reaching the expansion device inlet is at higher pressure and has more sub-
cooling. Both factors promote increase of mass flow rate through the capillary tube. Thus, an increase in discharge 
pressure has a clear and opposite impact on mass flow rates through the compressor and the capillary tube and the 
appropriate discharge pressure will be found for which mass flow balance exists. 
 
 Once a mass flow balance is reached, simulation of the evaporator is performed in a backward scheme with the 
known refrigerant state at evaporator exit and refrigerant mass flow rate. Since the thermodynamic process in a 
capillary tube is assumed to be adiabatic, refrigerant enthalpy at the evaporator inlet should be equal to the enthalpy 
at the condenser outlet. If these enthalpies are not equal (enthalpy balance is not reached) a new calculation loop 
starts from the beginning with a modified guess on the refrigerant pressure at the compressor can inlet. From 
condenser operation point of view, change in compressor suction pressure induces change in refrigerant mass flow 
rate and modification of condenser saturation temperature caused by the system mass flow balance search. These two 
changes have opposing effects on refrigerant enthalpy at the condenser exit, leaving it relatively unaltered. On the 
other hand, the same change of compressor suction pressure has a strong effect on refrigerant enthalpy at the 
evaporator inlet by change in evaporator saturation temperature and refrigerant mass flow rate, both working in the 
same enthalpy change direction, thus an appropriate suction pressure at the compressor inlet can always be found 
which enthalpy balance exists. 
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Fig. (1) Simulation process 
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 In the third iterative loop, the refrigerant mass balance in the system is used to adjust refrigerant superheat (or 
quality) at the entrance to the compressor can. Specifically, refrigerant mass inventory is made. It is based on 
refrigerant states in the system, which were found to satisfy enthalpy and pressure balances with assumed vapour 
superheat (or quality) at the compressor can inlet. The amount of refrigerant obtained from mass inventory 
calculations is compared to the refrigerant charge. If the amount of refrigerant calculated is smaller than refrigerant 
input into the domestic refrigerator, the superheat (or quality) guess is decreased and all calculations are 
automatically resumed from the beginning. 
 
 As explained above, the final solution is obtained by searching for pressure balance, energy balance and by 
satisfying the mass conservation law. This is realized in three iteration loops in which refrigerant discharge pressure, 
refrigerant pressure and superheat (or quality) are being iterated. All three loops are being iterated using the secant 
method. In the course of the computing process the main program gathers information about the domestic 
refrigerator particular component’s performance, updated at each iteration loop and applies them to anticipate 
changes in state property value which is being iterated. This allows for the iteration process to converge faster with 
each iteration loop. 

 
III. DESCRIPTION OF SUBMODELS AND MASS INVENTORY 

  
 The following domestic refrigerator components have individual algorithms subroutined into main program logic: 
hermetic compressor, condenser, evaporator, capillary tube, connecting tubings. Models of these components have 
been explained in (Hussain, 2000). An abbreviated description of the fist four major components and the refrigerant 
mass inventory is all that is discussed here. 

 
 The hermetic compressor was designed so that the suction inlet pipe was directed towards the inlet port of the 
intake muffler. Gas drawn into the cylinder was a mixture of heated gas from the housing, and that came directly 
from the suction line. It was desirable that the intake be as direct as possible, since additional superheat added within 
the compressor has a negative effect on both capacity and efficiency (Dossat, 1991). 

 
 The volume flow rate was calculated using a volumetric efficiency ζv: 
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 The volumetric efficiency is compressor, and refrigerant (R12 & R134a) specific, and depends moderately on the 
pressure ratio (Pc/Pe) (Cullimore et al. 1996). However, in the present work this dependency was neglected. 

 
 The work (W) delivered by the compressor to the fluid was calculated using an isentropic efficiency (ζis) that 
depends on the actual compressor and refrigerant (Domonski and Didion 1984), such that 
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 The approximated values of the volumetric and isentropic efficiency were found from experiments performed by 
Rasmussen (1997), where both efficiencies were determined as functions of compressor speed (1800-5000 rpm) at 
different condensing/evaporating temperatures. The isentropic efficiency decreased slightly as speed increased, and 
was also found to decrease with decreasing condensation temperature. The volumetric efficiency was found to 
decrease with both increased speed as well as increased pressure ratio. 
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 Shortly after compressor start-up, the pressure exceeds the saturation pressure and film condensation begins in 
the condenser. After a while, the first part of the condenser becomes a superheated zone, followed by a two-phase 
zone, and then finally, before the capillary tube, a sub-cooled zone is present. 

 
The general technique used by the simulation program for the condenser model is to divide the condenser coil 

into a user-specified number of segments, which in turn, are divided into a number of modules. The inlet conditions 
to the segment are provided and a Newton-Raphson iteration is performed to determine the outlet conditions for each 
module in the segment. During this procedure, each module is treated as an individual heat exchanger and local 
refrigerant-side heat transfer coefficients are determined based on the module outlet conditions. The governing 
equation for each module are the conservation of energy and momentum equations. 

 
 The operating conditions at the condenser coil inlet that must be specified for the simulation are the refrigerant 
inlet pressure, temperature, and mass flow rate and the environmental conditions. The effectiveness-NTU method, as 
described in conventional heat transfer texts, is used in the condenser simulation to determine the heat rejected by 
each module (Qmod). The general form of the equation is: 
 

).(min.mod AinTRinTCQ −= ε                   (3) 
 

 Further details on how the effectiveness-NTU method is applied in this model are contained in Ragazzi (1991). 
 

 In the present research two model are developed for the capillary tube, one of them for adiabatic flow which is 
produced when the capillary tube is placed in the refrigeration system without getting heat transfer to the suction 
line, and another model with heat transfer between them. For each model, the capillary tube is assumed to be a 
straight, horizontal, constant inner diameter with a homogeneous, one-dimensional flow. The set of assumptions 
allow the two phase flow in a capillary tube with adiabatic flow to be treated as the Fanno flow and refrigerant 
properties and critical pressure can be computed accordingly. 

 
 Flow resistance due to a capillary tube with an adiabatic flow is subdivided into resistance due to entrance effect 
and due to flow in the tube itself. Flow in the capillary is evaluated by solving the equation of motion (Domonski and 
Didion 1984): 
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 Single-phase flow and two-phase flow in the tube are considerd separately. For single-phase flow (liquid only) 
the above equation of motion reduces to the Fanning pressure drop formula, while for two-phase flow the equation of 
motion has to be solved in its full form. In a practical application, refrigerant flow in a capillary tube may be liquid 
only, two-phase only or both liquid and two-phase separated by a flash point. The developed model will simulate a 
capillary tube for either of these cases. 

 
 In the non-adiabatic flow model, the capillary tube is placed inside the suction line, forming an efficient counter 
flow heat exchanger. An important feature of the heat exchanger is increased mass flow in the capillary tube by 
increasing sub-cooling of liquid leaving the condenser. The fluid network for this model is built in the same manner 
as the condenser, only with much smaller dimensions. The thermal network differed since the refrigerant in the 
suction line flows on the outside of the capillary tube. 

 
 In the developed model, the evaporator model is based on the equation of conservation of energy that can be 
expressed in the following equation: 
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 Mass inventory of refrigerant is used for iteration of refrigerant superheat or quality at the compressor can inlet. 
Accuracy of mass inventory results depends on accuracy of evaluation of mean refrigerant density in particular 
domestic refrigerator components and accuracy of internal volume determinations. In order to minimize the error of 
computations, mass inventory results are used on a relative basis, i.e. calculated charge is compared not to the actual 
refrigerant charge only, but to the mass of refrigerant calculated for operating conditions at which superheat at the 
compressor can inlet is known as a design parameter. 

 
 In a domestic refrigerator compressor and connecting tubes refrigerant flow is single-phase or two-phase with 
vapour/liquid velocity slip ratio close to 1. Mean density is known for these components from performed calculations 
during iterative process closing enthalpy and pressure balances. In the case of both coils, the refrigerant is in part by 
single-phase, While, in most of the coil some type of two phase annular flow prevails. For this flow regime, mean 
density is evaluated in terms of densities of saturated liquid and vapour, and the void fraction as correlated by 
(Tandon et al., 1985) based on (Lisa et el.,1995) results: 
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 Mean refrigerant density is calculated for each tube individually. This is possible since the program employ
tube-by-tube simulation model for a condenser. 
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IV. PRESSURE DROP CORRELATIONS 
 

 Single-phase pressure drops are calculated using churchill’s equation (Churchill 1977)for the Darcy friction 
factor as follows: 
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 This function agrees very well with experiments at both high and low Reynolds number, but overestimated the 
friction factor somewhat in the transition region. In the case of two-phase flow, refrigerant pressure drop inside a 
tube is calculated by (Jung and Radermacher, 1989, 1993) with evaporation and (Lockhart-Martinelli, 1949) with 
condensation. 

 
V. CONVENTIONAL HEAT-TRANSFER CORRELATIONS 

 
 Convective heat transfer between fluid and thermal sub models here is characterized by the heat-transfer 
coefficient αHT (Cullimore et al. 1996): 
 
                                (10) 
       

TAconvQ HXIHT ∆=α

 Where AHXI and ∆T are the inside heat-transfer area and temperature difference between refrigerant and tube wall 
temperature, respectively. 

 
 In the case of single-phase flow, �HT is calculated from the Nusselt number according to 
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re the coefficient n= 0.3 corresponds to cooling and n= 0.4 corresponding to heating. 

the present research, two fundamental boiling heat-transfer regimes are considered: nucleate and film. 
ate boiling is characterized by the bubbles that form at the wall and then drift into the bulk liquid stream. This 
 exists for qualities 0.0 to 0.7 only. Film boiling, however, is characterized by vapour-dominated heat-transfer 

s-Boelter Correlation). For qualities between 0.7 and 1.0, an interpolation between the two regime corrlations 
. 
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 In the case of two-phase flow in a condensation process, heat transfer is calculated using a Rohsenow correlation 
(Rohsenow and Hartnett 1973) for refrigerant (R12) and a Dobson correlation (Dobson, 1994) for refrigerant R134a. 

 
VI. HEAT TRANSFER-SECONDARY SIDE OF TUBE 

 
 The dominant heat-transfer mechanism from the condenser, compressor, and the evaporator (see Figure 2) to the 
surrounding air is due to a combination of natural convection and radiation: 
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 Assuming a cabinet-wall temperature of refrigerator approximately equal to the ambient temperature. Followin
the work of (Jakobsen, 1995) on a domestic refrigerator of the type considered here, the total air heat-transfe
coefficient [in W/m2.K] for the condenser can be fitted as 
 

461.099.5 TrHcHH cond ∆+=+=                 (16

 
Similarly, for the compressor       

451.066.6 TH comp ∆+=                 (17
 
and for the evaporator 

393.009.5 TH evap ∆+=                   18
  
 However, as temperature variations are relatively small, all heat-transfer coefficients, that include bot
convection and radiation are modeled as constants. Actual values are listed as “air-side heat-transfer coefficients
along with other model parameters in the section results and validation. 

 
 The heat-transfer between the capillary tube and the suction line is calculated by this research following th
prescription described in the section on conventional heat transfer. Here, we have assumed that the most importan
contribution to this heat transfer is a consequence of the capillary tube being co-axially aligned within the sectio
line. 

 
VII. RESULTS AND VALIDATION 

 
 In this section key results from simulation of refrigeration cycle are presented and compared to measuremen
from a 9 ft3 (0.2548 m3) top-mount refrigerator-freezer, with a static condenser using R12 and R134a refrigerant
All refrigeration components remained the same throughout the test, except that the length of the capillary tub
compressor size and the amount of charge were changed for each refrigerant. 

  
 One of the features of the simulation model is that the results contain much more information than measuremen
provide. Example of this include the detailed information about pressure and temperature distribution along capillar
tube and condenser tubes. The main advantages of such simulation include better understanding of system an
component behavior when they are used different alternative refrigerants for comparison purpose. 

 
 Numerical results of condenser (type of wire and tube) simulation are illustrated in Figures 3,4,5 and 6 wher
refrigerant (R12 or R134a) enters the condenser (total tubes length 7.65 m  subdivided into 100 nodes of equal lengt
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and 16 return bends) in a superheated state and exit either in a subcooled state or two-phase state depending on the 
type of refrigerant used. From these figures it is evident that the results are consistent with the physics of the system. 
The numerical analysis showed that the refrigerant vapour condenses in about 70-80% of the condenser tube length 
when refrigerant (R12) was used. Meanwhile R134a leaves the condenser tubes in the two-phase state, indicating 
that this condenser needed an increase of about 20-30% of its tubes length to get the same performance as compared 
with R12. 

 
 In all test runs the outlet refrigerant temperature of the condenser tube within standard deviation of 4.2K of those 
measured experimentally. 

 
 Numerical results of capillary tube simulation are illustrated in Figures 7 and 8 where both refrigerant R12 and 
R134a enter with the same inlet diameter (0.71 mm) and inlet state for both cases adiabatic and diabatic tubes. When 
comparing both cases, the adiabatic region cannot be distinguished from the diabatic region by observing the 
pressure profiles. This is a characteristic of single-phase flow only and not necessarily so for two-phase flow, which 
occurred closer to the exit. As shown in Figure 8, it is not possible to locate the flash points by observing 
temperatures. This illustrates a significant difference between adiabatic capillary tubes and capillary tube-suction line 
heat exchangers. The difference is that in adiabatic tubes the capillary tube fluid temperature is constant until a 
sharply decreasing fluid temperature marks the flash point. In contrast, the capillary tube fluid temperature in a heat 
exchanger does not reveal where the flash point occurs. 

 
 In comparison with the experimental results obtained, the computational model yield results accurate to within 
(4.54%) for the compressor input power and (5.74%) for the coefficient of performance (COP) using R12 and (4.3%) 
for the compressor input power and (5.32%) for COP using R134a. 

 
 The verification is done for within domestic refrigerator operation within range of ambient room conditions from 
(20o C to 35o C) for as shown in Figures 9 to 12. 
 
 Figure 13 and 14 present the computational results of three ambient room temperatures, plotted in a simple cycle 
form on the pressure-enthalpy diagram. Note that refrigerant vapour superheat at the compressor inlet decreases with 
the increase of the ambient room temperature. This superheat variation is reasonably well simulated by this model 
demonstrating a reasonable intercycle simulation accuracy. 
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Fig. (2) Schematic of component interaction. 
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Fig. (3) Nodal Distribution of Pressure From  Computational Results of Condenser 
Subroutine Using R12 and R134a at Different Ambient Temperatures 
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 Fig. (4) Nodal Distribution of Refrigerant Temperature From  Computational  Results of 

Condenser Subroutine Using R12 and R134a at Different  Ambient Temperatures  
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 Fig. (5) Nodal Distribution of  Heat Transfer  From   Computational  Results of 

Condenser Subroutine Using R12 and R134a at Different Ambient Temperatures   
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Fig. (6) Nodal Distribution of  Refrigerant  Quality  From  Computational Results of 
Condenser Subroutine Using R12 and R134a at Different Ambient Temperatures 
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Fig. (7) Refrigerant Pressure Distribution From Computational Results of 
Capillary Tube Subroutine With Adiabatic and diabatic Flow 

 
 
 
 
 
 

  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig. (8) Refrigerant Temperature Distribution From Computational Results of Capillary 
Tube Subroutine With Adiabatic and diabatic Flow 
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Fig. (10) Comparison Between Experimental and Computational 
Results Using R134a at Ambient Temperature (20oC) 

 

Fig. (9) Comparison Between Experimental and Computational 
Results Using R12 at Ambient Temperature (20oC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 Fig. (11) Comparison Between Experimental and Computational 

Results Using R12 at Ambient Temperature (35oC) 
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Fig. (13) Simplified Thermodynamic Cycle Realized By a Domestic Refrigerator 
Using R12 at Different Ambient Temperatures 

Fig. (12) Comparison Between Experimental and Computational Results Using 
R134a at Ambient Temperature (35oC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 Fig. (14) Simplified Thermodynamic Cycle Realized By  a  Domestic    Refrigerator 

Using R134a at Different Ambient Temperatures  
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VIII. CONCLUSIONS 
 

 The model described here is capable of simulating a domestic refrigerator with a constant flow area expansion 
device at imposed operating conditions without restrictions on refrigerant state at any system location. The model 
can be used for a wide variety of applications. It has been used for performance evaluation of systems with matched 
and mismatched components. It has also been used to test how certain modifications of components affect overall 
performance of a domestic refrigerator. 

 
 Performance of a domestic refrigerator filled with different refrigerants has been also analyzed with the aid of the 
model. 

 
 The model absolute accuracy is limited (as with all first principle models) and may not be any better than a 
regression analysis model particularly that the model is based on component good empirical data. The ability for a 
first principle model to predict overall system performance is to varying degrees dependent on the accuracy of 
different correlations simulation of the local phenomena which is sometimes unknown in a real machine. For 
example, the heat transfer correlations for internal two phase flow is not available for tubes with elbows and 
branches. Also this model is not particularly amenable as an open ended design tool but rather a design analysis tool. 
However, it is convenient that the input data required are only that which can be determined from external 
measurements and information normally supplied by the manufacturer. 

                              
Nomenclature 
 

AHX(I or O)  ( I:inside & O:outside )heat transfer area 
Cnim Minimum heat capacity rate 
D Capillary tube inside diameter 
E Electrical energy input rate to the compressor 
f Friction factor 
G Refrigerant mass flux 
HC Radiation heat transfer coefficient 
Hr Convection heat transfer coefficient 
L Length 

comp
o
m
 

 
Mass flow-compressor 

np Relative compressor clearance 
Nrpm Nominal number of revolutions per minute-compressor 
Nu Nusselt number 
Pc Pressure-condenser 
Pe Pressure-evaporator 
Qcan Heat rejection rate from a compressor to ambient air   
Qcond Heat rejection rate from condenser tubes to ambient air 
Qdisline, 
Qlqline 

Heat rejection rate from discharge line and liquid line to ambient air   

Qevap Cooling duty 
Qmod Module total heat transfer 
Qsucline Heat transfer rate from ambient air to the suction line 
Re Renold number 
TAin Air inlet temperature  
TRin Refrigerant inlet temperature 
Tw Tube wall temperature 
Vstroke Stroke volume-compressor  
W Mechanical Power available for compression Process  
x Refrigerant quality 
xtt Lockhard-Martinelli parameter 
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α Void fraction 
αHT Heat transfer coefficient 
γ Polytropic coefficient 
ε Effectiveness 
ρ Fluid specific density 
ρs Fluid specific density-inlet compressor 
ζis Isentropic efficiency-compressor 
ζv Volumetric efficiency-compressor 
λ Surface roughness parameter  
σ Stefan-Boltzman constant 
κ Fluid thermal conductivity 
µf Refrigerant liquid viscosity 
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